The paper investigates the conditions leading to the emergence and persistence of an acute metallic noise in light-truck drivelines. Sudden demands in torque in the presence of lash zones give rise to this phenomenon, which is onomatopoeically referred to as clonk. The study of clonk requires combined rigid multi-body dynamics and flexible body oscillations. The results show high-frequency contributions in the driveline vibrational response of certain structural modes of the driveshaft pieces, which are induced by remote impact of meshing transmission teeth through backlash. The numerically predicted spectrum of vibration shows good correlation with experimental measurements of radiated noise from a dynamic drivetrain rig.
INTRODUCTION
The noise, vibration, and harshness (NVH) spectrum of a typical vehicular driveline system contains contributions of a significant number of vibration components ranging from a few hertz to several kilohertz. Often these contributions have strong interaction effects, with shuffle and clonk being among the most interactive phenomena and two of the major concerns at extremes of the spectrum [1] . A short-duration audible high-frequency elastoacoustic phenomenon, which occurs as a load reversal in the presence of lashes in the driveline, is known in the industry as clonk (300 -5000 Hz) [2] [3] [4] [5] . This load reversal is often induced by vibroimpact in the various lash zones in the drivetrain system (transmission, differential, or spline joints) through low-frequency torsional rigid body motion of the powertrain system, known as shuffle [6 -9] . The rigid body motion of the driveline system is perceptible by vehicle passengers through a corresponding fore-and-aft longitudinal motion of the vehicle, known as shunt (2) (3) (4) (5) (6) (7) (8) . Clonk may be heard on the first cycle of the shuffle response [10] [11] [12] [13] . Shuffle and shunt may be induced by driver action or via road input. Driver action can include sudden throttle tip-in from coast to drive condition, or conversely through abrupt release of throttle, termed back-out, from drive to coast. Any sudden engagement of clutch in low gear and at low road speeds can also create shuffle and shunt, leading to clonk conditions. In all cases, the rise rate of the torque pulse has a steep gradient and is referred to as jerk. Its short duration acts as an impulse that excites a large number of structural modes of the lightly damped driveline system. The high-frequency content of the modal response propagates to the passengers' cabin through cabin floor (referred to as thud) or as air-borne noise, heard by occupants by echo from roadside obstacles when vehicle windows are lowered. In particular, the thin-walled components such as the driveshaft tubes and the transmission bell housing are effective noise radiators. Their vibration response and, hence, the externally radiated sound power are thought to be mainly determined by the possible coincidence or coupling of the higher-order acoustic modes in their cavity and the resonant structural modes of the walls [14, 25] . A fundamental study of a two-piece driveline has been reported [2, 16, 17] . The latter have reported good agreement with the experimental results of reference [5] for the case of short-wheel-base rear-wheel-drive trucks, having two-piece driveshafts.
This paper concentrates on the case of longwheel-base rear-wheel-drive truck drivelines with three-piece driveshaft systems. Additionally, the experimental rig reported in reference [5] was a 'static' structure (i.e. non-rotating), subjected to a sudden torsional impulse, and thus devoid of contributions due to inertial dynamics of the drivetrain system. In this paper a new dynamic test rig is reported, which takes into account the inertial dynamics of the drivetrain system, and vehicle inertia under various laden conditions, as well as being subjected to precisely monitored impulsive actions.
THE THREE-PIECE VEHICULAR DRIVELINE MODEL
The investigation of clonk is concerned with the determination of conditions that lead to vibroimpact excitation, inducing structural wave propagation and, hence, noise radiation from the lightly damped thin-walled driveshafts of high modal density. The multi-physics problem of this type must be investigated through a combined study of large-displacement inertial dynamics, smallamplitude structural elastodynamics, and acoustic wave propagation. A multi-body dynamic model, built in ADAMS [18] (Fig. 1 ) is based upon constrained Lagrangian dynamics. This is the mechanical model of the drivetrain system. Component flexibility for the high-modal-density radiated-noise structures has been included through the use of the finite element technique and component mode synthesis method, using NASTRAN [19] , so that an extension of this study will permit the calculation of radiated noise from the mechanical parts of interest, using either a suitable finite element approach or boundary element method.
The multi-body model consists of all the components of the powertrain system, starting from the transmission input shaft up to and including the rear axle. The inertial properties of all the parts, the constraints introduced by their assembly (modelled with combination of idealized joints), the compliances and restraints of the model and the applied external forces are described in Tables 1 to 4 .
The number of degrees of freedom (DOFs) of the multi-body driveline model is obtained, using the Gruebler -kutzbach expression as
Number of DOFs ¼ flexible bodies modes
þ 6(number of rigid parts À 1)
Hence, the driveline model has 247 degrees of freedom.
METHOD OF FORMULATION AND SOLUTION
The governing equations of motion for an assembly of rigid and elastic constrained bodies are derived Fig. 1 The multi-body model of the driveline mechanical system from the Lagrange equation for constrained systems in the form
where {j j } j¼1!6 ¼ {x,y,z,C,u,w} T denote the rigid body degrees of freedom, {j j } j¼1!6þm ¼ {x,y,z,C,u,w,q} T denote the flexible body degrees of freedom (q are the modal coordinates and m their total number), and l k are the Lagrange multipliers for the constraints C k . The n constraint functions for the different joints in the driveline model are represented by a combination of holonomic and non-holonomic functions as
The multi-body model of the mechanical system is a constrained non-linear dynamics model, incorporating the elastic behaviour of the driveshaft tubes. The dynamic simulation code ADAMS is based on the automatic generation of equations of motion, using constrained Lagrangian dynamics, formulated in the generalized Eulerian 3 -1 -3 frame of reference. The compliance of the flexible members is given by stiffness and damping matrices obtained during the creation of superelements by modal analysis, as briefly described in the following sections (see also reference [16] ).
Component mode synthesis and superelement creation
The introduction of finite element analysis (FEA) techniques (via use of the MSC/NASTRAN code) for the detailed investigation of the behaviour of several parts of the driveline has been considered as necessary, because it achieves two desirable goals.
1. It increases the fidelity of the multi-body model. Ground -Impact-induced vibration in vehicular driveline systems 2. The realistic loads (initial conditions that are required for an external acoustic analysis) may be obtained in a natural way by incorporating an FEA model of a component in the mechanical system, when simulating the in-service events.
The driveshaft pieces (first, second, and third tubes) are major components of the driveline, which have significant flexural behaviour compared with the other parts that have a rather rigid behaviour. By incorporating FEA models instead of rigid bodies for the representation of these components, it is feasible to determine their spectral response during the simulation exercise. Furthermore, the initial conditions (displacements, velocities, loads, etc.) which are required in an acoustic analysis of the driveshaft tubes can be extracted, enabling the determination of the induced sound pressure fields both within and external to each tube.
The most important assumption behind this procedure is the consideration of small, linear elastic deformations relative to a local frame of reference, while this frame of reference undergoes large non-linear global motion. The discretization of a component into finite elements represents the infinite number of DOFs with a finite but very large number of finite element DOFs. The linear deformations of the nodes of this finite element modes, u, can be approximated as a linear combination of 
where, m is the number of mode shapes. The scale factors of amplitudes, q, are the modal coordinates.
The main concept of modal superposition is that the behaviour of a component with a very large number of nodal DOFs, in a predetermined frequency area, can be captured with a much smaller number of modal DOFs. Thus, the finite element modes can be rewritten in matrix format as
where q is the vector of modal coordinates and the modes f i are included in the columns of the modal matrix F. This matrix is the transformation from the small set of modal coordinates q to the larger set of physical coordinates u.
The determination of the modal matrix M can be achieved due to the Craig -Brampton [20] reduction method, which is one of the most general methods of the component mode synthesis techniques. The summary of this method is described in the following paragraphs.
A set of boundary
DOFs u B is defined, which is not to be subject to modal superposition and is preserved exactly in the modal basis. 2. A set of interior DOFs u I is defined.
Additionally, two sets of mode shapes are defined, as follows. According to the above, the relationship between the physical DOFs, the Craig -Brampton modes and their modal coordinates is expressed as
where I and 0 are unity and zero matrices respectively, The generalized stiffness and mass matrices are obtained through the transformationŝ
whereM NN andK NN are diagonal matrices andK is a block diagonal matrix.
Since the Craig -Brampton modes are not an orthogonal set of modes, a mode shape orthonormalization procedure is applied. By solving the eigenvalue problem Kq ¼ lMq (7) The obtained eigenvectors are arranged in a transformation matrix N that transforms the Craig -Brampton modal basis to an equivalent orthogonal basis with modal coordinates q Ã , where
Thus, the effect on the superposition formula is
where f Ã i are the orthogonal Craig -Brampton modes.
Four-noded two-dimensional shell elements with prespecified thickness (1.65 mm) have been used for the tube walls in the superelement creation. Clamped -clamped boundary conditions have been applied to the tube edges to represent the assembly conditions in the vehicular driveshaft system. This has been achieved by using appropriate elements in the tube edges so that a master node (in the edge centre) is rigidly attached to many slave nodes (in the edge circumference) via a type of connection that creates a localised stiffhess in the model (RBE2 elements [19] ). Since the master node DOFs are independent, this node can be promoted to an attachment point and is used to connect the flexible body to the rigid bodies of the multi-body model. A sufficient number of natural modes have been kept in the superelements creation in order to obtain accurate results in the specified frequency area, where clonk usually occurs (300 -5000 Hz). There is no exact rule on how many modes should be kept in the superelement, although a general rule of thumb is that a number of modes that cover at least twice the desired frequency area should be kept. The geometric properties of a tube determine its modal density in this area (its upper limit has been determined as 12 000 Hz in this analysis). Consequently, each tube superelement includes a variety of modes starting from low-frequency bending modes and leading to complicated shapes that are combination of bending -axial and high-frequency torsional modes.
Meshing cycle gear forces
Calculation of the transmission gear forces between the engaged teeth pair(s) during the meshing cycle is necessary to determine the impact conditions. The geometric characteristics of the helical gear teeth affect the dynamics and vibrational behaviour of the mechanical system significantly. Gear backlash is either introduced intentionally at the design stages or caused by manufacturing errors and wear. Therefore, the equations of motion of such systems become strongly non-linear. Another complication arises from the variable number of gear teeth pairs, which are in contact simultaneously, causing a variation in the equivalent gear meshing stiffness. The dynamics of a gear-pair system, involving backlash and time-dependent mesh stiffness k(t) can be investigated using piece-wise linear equations of motion with time-dependent coefficients. The centres of both gears are constrained against any lateral motion. The meshing stiffness depends on the number and position of the gear teeth pairs, which are in contact (Fig. 2) and is a periodic function of the relative angular position of the gears (Fig. 3 ) [21] [22] [23] . In this study, a simple and accurate method has been followed, on the basis of ISO 6336 [24] . According to this, the meshing stiffness is calculated, using the value of the single stiffness k', which is the maximum stiffness normal to the helix of a single tooth pair, representing the requisite load over a 1 mm face width directed along the line of action to produce in-line with the load deformation amounting to 1 mm. It is given by the function
For details regarding the calculation of the theoretical single stiffness k 0 th , gear blank factor C R , and basic rack factor C B , ISO 6336 [24] should be consulted. The total meshing stiffness is given by the function k ¼ total length of contact lines Â k 0
If the tooth-to-tooth variations (i.e. pitch errors and tooth finishing) are neglected, the fundamental 
where the integers n 1 , and n 2 are the teeth numbers and v 1 and v 2 are the angular velocities of the pinion and gear respectively. The force developed between the pair of gears is given by the product k(t)h(x), where x(t) ¼ R 1 w 1 (t) À R 2 w 2 (t),R 1 and R 2 represent the contact point radii of the gears, w 1 (t) and w 2 (t) are the two torsional coordinates (rotation angles of the gears) and
where 2b represents the total normal backlash between the gear teeth [25] .
Introducing vehicular inertia and rolling resistance
Two other important factors must be introduced in the model. Firstly, the rolling resistance as a road input should be included in the model. Secondly, the laden or unladen state of the vehicle as well as its body dynamics play a significant role in dive or squat of the vehicle with tip-in and back-out motions associated with throttle and clutch actions. The various laden conditions of the vehicle significantly influence the driveline behaviour in terms of the torque pulse reflection, which travels through the different components. The equations of motion for the vehicle body (where €
x stands for its translational motion) and the rear half-shafts', assembly (where € w stands for its rotation) respectively are given as (Fig. 4 )
For pure rolling conditions, (14) and, by substituting it in the previous set of equations, this yields
This means that the body of the vehicle could be 'transferred' as an equivalent amount of inertia to the rear wheel assembly by adding in the assembly inertia the quantity MR 2 , which obviously varies with respect to the different vehicular loading conditions.
EXPERIMENTAL RIG
To capture the transient behaviour of the clonk phenomenon, it is essential to introduce inertial dynamics of the drivetrain system under conditions that promote impact loading in the various lash zones. The previously so-called 'static experimental rig' [5] is inadequate in the sense that the transient nature of the phenomenon is introduced without regard to the actual inertial dynamics of the drivetrain system, although very good agreement in qualitative terms was obtained between rig-based experiments and in-situ vehicle tests carried out at the Ford Research Centre in Dunton. Many issues were encountered during the rig design. They included provisions for alignment of the drivetrain system to replicate vehicle conditions closely, as well as vibration isolation from environmental effects, and from those that are introduced by the actuation mechanisms, other than those that are encountered under similar vehicle-testing conditions. Method of actuation of the rig and imposition of impulse, such as throttle action or clutch activation, is of paramount importance. Finally, proper provisions had to be made with regard to the repeatability of the actuating signals, their conformance to driver or vehicle behaviour, and the reproducibility of the actual variations. It was decided to use an electric motor for the drivetrain actuation, as this provides the opportunity to apply fully controllable torque conditions compared with those of an internal combustion engine. The motor has the appropriate specifications in order to accelerate the drivetrain up to the testing speed of 1500 r/min with a maximum torque of 145 N m, which correspond to the observed and recorded clonk conditions on the real vehicle, when engaged in the second gear. The smoothness in the motor's performance is achieved by using an inverter, which produces controllable torque rise and fall rates. Since the motor is directly coupled to the gearbox and through this connection transmits the required torque to the drivetrain, a suitable coupling unit was chosen to ensure the smooth torque transmissibility and to limit the transmission of the torsional vibrations of the motor itself. The alignment in the connection of the gearbox and the motor was achieved by building the gearbox and the block units together on a solid plate. The complete unit is shown in Fig. 5 . An existing hand-brake system used on the actual vehicle was modified, using an electronic control unit, and calibrated in order to operate in a repeatable manner and to introduce various laden states of the vehicle by applying resistance via the rear axle.
The main supports of the rig are two 3.5 m and two 1.5 m I-section beams of 210 mm height, connected together (each 3.5 m beam to a 1.5 m beam) and bolted to the laboratory floor by raw bolts and elastomeric pads interfering between the beams and the floor in order to isolate the rig and to minimize vibration transmissibility. The electric motor is mounted on cross-beams through pads for vibration isolation. The cross-beams are mounted on to the I-section beams. For better alignment of the coupling-flywheel-gearbox assembly, the transmission bell housing and the coupling system have been fixed to a bed-plate, which in turn has been mounted on to cross-beams through pads. Consideration has been given to the angles that the driveshafts assemble together and on to the rear axle. The rear axle is hung from the mounting brackets that are also mounted on the I-section beams through pads. A top view of the drivetrain rig is shown in Fig. 6 . To capture driveline vibration and noise, a variety of instruments are used, including laser vibrometers, microphones, and accelerometers. The positions of all monitoring equipment are schematically shown in Fig. 7 . The second driveshaft tube is splined to the rear tube and has freedom to float (i.e. is not axially Fig. 9 Typical raw clonk noise signals (pressure levels) and wavelet maps, corresponding to the (a) front and (b) rear driveshaft tubes constrained). This means that, at the natural frequencies of the first and third tube, the middle tube acts like a mass similar to a spring -mass system with impact transferred to this 'mass' as a forcing frequency other than its own natural modal response (this appears as 2082 and 2294 Hz). Since the middle tube is not constrained (which is physically impossible, because of the angle between the front and rear driveshafts), its torsional mode is not expected to be observed. This, in fact, is the case (its torsional mode is at 3644 Hz). It, therefore, follows the torsional oscillations of the first tube (i.e. at 2671 Hz). The third tube has very close torsional mode to the first (for both around 2770 Hz for the first tube and 2724 Hz for the third). It is noticeable that only a few of the modes present in the spectra are the breathing modes, namely 2304 Hz, 2354 Hz, and 2667 Hz for the front shaft, 2082 Hz and 2994 Hz for the middle shaft, and 2347 Hz and 3311 Hz for the rear shaft [16] . This means that these are the only modes of the driveshaft pieces that contribute to the clonk noise (i.e., at these modes, the tubes act as loudspeakers). The above numerical results agree well with the experimental measurements shown in Fig. 9 , obtained by monitoring the dynamic experimental rig under identically imposed conditions. The first two graphs in Figs 9(a) and (b) show the sound pressure levels, corresponding to the front and rear tubes respectively. There is, clearly, a reduction in the noise level as the impact wave propagates towards the differential. This is also in agreement with the energy power distribution between the spectra in Figs 8(a) and (c). Furthermore, in Fig. 9 , the wavelet maps of the noise levels reveal a rich spectrum that includes a variety of frequencies. Some of these come from the transmission and the differential, because of the impacting gear teeth pairs during the generation of the clonk noise, and the reason for their absence in the numerical predictions, which mainly examines the contributions due to the driveshaft pieces. However, the main breathing modes of the tubes (observed in the numerical analysis) are present, revealing a clear contribution from the driveshaft tubes in the clonk noise signal. Finally, it is worth mentioning that the lowest torsional rigid body mode of the driveline (commonly known as shuffle) is present in the analysis spectra, confirming the clear relation between the two NVH phenomena at the extremes of the drivetrain spectra of vibration: shuffle and clonk.
